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Effect of porous casing on small
axial-flow fan noise

ABSTRACT

A novel casing treatment is studied to suppress the tip leakage vortex and postpone

stall inception, leading to significant noise reduction. The new casing is made by

open-cell metal foam, and its effect on both aerodynamic and acoustic performance of

an axial-flow fan is investigated experimentally. As much as 10 dBA noise reduction

is achieved, in the otherwise stalled flow condition. The mechanism is qualitatively

analyzed by computational fluid dynamic simulations for three-dimensional, transient

flow. It is found that, with the porous casing, the strength of tip leakage vortex

decreases mainly because of the suppression of the pressure difference between the

pressure side and suction side of the blade and the flow momentum transport at

fluid-porous interface. By experimenting with different casing surfaces, the roughness

of the porous casing is found not to be responsible for the delay of stall. Moreover,

direct sound absorption by the porous casing is found to be negligible due to the

limited volume of metal foam. The working mechanism is thus identified as purely

aerodynamic.
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1. INTRODUCTION

Nowadays, increasing importance has been attached to the noise problem of

turbomachinery. Aerodynamic noise sources of an axial fan include the interaction

between the upstream turbulence and the rotor blades, the interaction between the

rotor and the stator, the tip leakage flow, the boundary layer on the surface of the

blades and shroud, etc [1,2]. The present study focuses on the suppression of noise

from small axial-flow cooling fans which features severe tip leakage flows. The tip

clearance noise is produced by pressure fluctuations on the blade surfaces induced by

the unsteady tip-leakage flow [3]. Moreover, the interaction between the tip vortices

and the downstream stator vanes is also regarded as one of potential noise sources [4].

In addition to extra noise generation, fan tip leakage flow also causes significant

aerodynamic loss: for instance, it may account for as much as 45% of aerodynamic

losses in rotor and 30% of total losses for a typical high-pressure turbine [5]. It is

well-known that a smaller tip gap is beneficial to both aerodynamic and acoustic

performance of a fan [6]. However, there is always a minimum clearance being

restricted by material thermal and mechanical properties, machining and installation

tolerances, etc.

With a given tip clearance, there are usually two methods to reduce the noise

induced by the tip leakage flow: blade modification and casing treatment. For the

blade modification, installing an end-plate as an anti-vortex appendage was

investigated [7]. It was found that an elaborate end-plate enhanced the fan efficiency,

and the radiated aerodynamic noise was decreased by a large amount. In addition,

rotating ring-shroud attached to the fan tips, which was proposed earlier by

Longhouse [3], can be regarded as a special kind of circumferential end-plate and the

total noise reduction was as much as 12 dB. Beside the use of end-plates, blade with

end-bending [8], blade tip surface groove [9] and blade with porous tip [10] were

studied in the category of blade modification.
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In terms of casing treatment, Kameier and Neise [6] inserted a turbulence

generator (Velcro tape, 2mm in thickness) into the tip clearance of a fan. The axial

width of the turbulence generator was 6.6% of the fan radius and it extended from the

upstream of the rotor to the maximum thickness of the blade profile. Both static

pressure rise and fan efficiency were improved, and the stall inception was postponed

simultaneously. Significant noise reduction was also obtained. It was assumed that the

turbulence generator improved the energy exchange between the low-momentum

fluid particles at the wall and the main flow. However, there was no unequivocal

evidence for this hypothesis. As a matter of fact, the turbulence generator decreased

the tip clearance locally and it definitely obstructed the secondary flow through the tip

gap.

With constant minimum tip clearance, one of the most common casing treatment

methods is the usage of grooves or slots on the inner wall of the casing [11], which

has already been applied in large-scaled axial fans. With appropriate grooves or slots,

the stall margin is improved significantly and the noise is reduced simultaneously

[12-14]. Smith and Cumpsty [15] pointed out that the main working mechanism lay in

the selective removal of high absolute-swirl, high-loss fluid near the trailing edge,

instead of the unsteady flow effects in the slots.

Instead of making slots or grooves, the present study proposes a new approach,

which is the lining of the casing wall by open-cell porous metal foams. The proposed

method is inspired by the previous works of Sutliff et al [16-18]. The type of metal

foam is widely used in applications such as heat exchangers, energy absorption, flow

diffusion, and lightweight optics. In terms of the noise control for turbomachinery, the

metal foam is applied not only to suppress the unsteady response due to

fluid-structure interaction, but also as sound absorption material. Xu and Mao [19]

placed a chunk of open-cell metal foam at the volute tongue of a centrifugal fan,

achieving around 5 dBA noise reduction, with a tiny sacrifice of static pressure rise. It

stated that the noise source strength was decreased mainly because of the suppression
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of the periodic impeller-tongue interaction. Sutliff et al. [16,17] investigated the effect

of metal foam layers located on different parts of the casing of a low-speed, ultra-low

pressure ratio fan (4-ft in diameter). The thickness of the metal foam layer reached 2

inches. With quite low aerodynamic loss, significant noise absorption was observed

when the foam metal liner in the casing was directly over the rotor. Measurement by

hot films detected stronger tip vortex and the reason was supposed to be the extra path

(provided by the porous zone) for leakage flow, deteriorating the fan tip flow field.

Therefore, the working mechanism of this liner was purely acoustic, which differed

from the thin porous casing layer proposed in the current study. The above work was

extended by Sutliff et al. [18], which designed foam metal liners for a high-speed

turbofan engine. As much as 2.5 dB noise reduction was demonstrated with 1-2%

aerodynamic performance loss at the design condition. The working mechanism was

supposed to be similar with that being proposed in the study of low-speed fan.

The goal of the present work is twofold. One is to quantify the improvement of

aerodynamic performance and the noise reduction of a small axial-flow cooling fan

with the porous casing experimentally. The other is to investigate the working

mechanism. Totally there are three hypothetical mechanisms being proposed: (i)

sound absorption by porous material, (ii) the influence of the roughness of metal foam

and (iii) the interaction between the fan tip leakage flow and the porous zone of the

casing. The first is roughly estimated by numerical simulation through COMSOL with

no consideration of the effect of fluid flow, and the aerodynamic noise source is

approximately assumed as an axial dipole on each rotor blade. The effect of the

roughness of the porous casing surface is evaluated experimentally by attached

air-tight sand paper on the casing. The aerodynamic effect of the porous zone on the

tip leakage flow is investigated through computational fluid dynamic (CFD) by CFX.

In terms of the choice of turbulence model, k-ω shear-stress-transport (SST),

Baldwin-Lomax turbulence model and large eddy simulation had already been proved

to be able to give a satisfactory prediction of the fan overall performance and tip flow
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structure [20-25]. Moreau and Sanjose [26] made a careful investigation on the

different kinds of CFD method for a ring fan. The work found that the unsteady

methods, including unsteady k-ω SST, SST-scale adaptive simulation as well as

lattice Boltzmann method, offers not only a better prediction of the fan overall

performance (at lower flow rate), but also a more precise structure and the dynamics

of the turbulent vortices in fan tip flow than the steady RANS. In the present study,

unsteady RANS type k-ω SST turbulence model is applied and the fluid is assumed to

be incompressible.

The remainder of the present paper is structured as follows: a brief description of

the experimental setup is firstly given, followed by the experimental comparison of

original rigid casing and the porous casing on both aerodynamic and acoustic

characteristics of the tested fan. Subsequently, the hypothetical working mechanisms

mentioned above are investigated in the following three sections. At last, conclusions

are presented.

2. Experimental setup

2.1 The sample small axial-flow cooling fan

As shown in Fig. 1, the test sample fan consists of a rotor, a casing and an inlet

bell-mouth. The rotor comprises 7 blades and it is produced by rapid prototyping. The

blade is designed according to the velocity triangle method [27]. Table 1 lists the

detailed design specifications of the rotor. According to the work of Tyler and Sofrin

[28], the mismatch index of the rotor-stator interaction noise is defined as � = �� −

�� , where B and S are the numbers of rotor blades and struts, respectively, m is the

order of blade passing frequency and k is any integer. Huang [29] pointed out that |�|

should be ideally 2 or above to avoid loud discrete noise for small axial-flow fans for

the first few (m=1,2,3) blade passing frequencies. In this case, B=7 and S=5，which

manages to keep � at 2 when m=1 and k=1. In addition, the diameter of struts should

not be very large in order to avoid excessive flow blockage hence noise radiation [30],
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while at the same time it has to provide adequate structural strength. In this work, the

cylindrical strut diameter is 3 mm and its aerodynamic noise is neglected in the

following analysis. The tip clearance is 1.2 mm as specified by the commercial

products of this class. During the experiment, the fan is powered by a 48V DC

electrical source and the rotational speed is controlled by a signal generator. The

rotational speed of the motor has negligible variation (± 5 r/min) with the loading

during experiment.

Fig. 1. Profiles of (a) 7-blade rotor, (b) 5-strut casing and (c) inlet bellmouth of the
tested fan.

Table 1. Design specifications of the rotor.
Tip diameter (d) 113.6 mm

Hub diameter 63.0 mm

Number of blades (B) 7

Tip stagger angle 62.0°

Tip chord length 51.3 mm

Hub stagger angle 30.6°

Hub chord length 28.0 mm

Axial chord length (Ca) 31.0 mm

Designed rotational speed (Ω) 3660 rpm

The fan with untreated rigid casing is regarded as the baseline. For the treated fan

casing, Nickel and Copper foam layers of 3 mm in thickness are studied. Their

characteristics are listed in Table 2 and they are identified as PC1 and PC2 (PC:

Porous Casing), respectively in the following plot legends. The metal foam layer is
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attached closely on the inner wall of treated casing which has a larger inner radius of

61 mm, so as to keep a smooth duct passage and a constant tip clearance of 1.2 mm.

Moreover, the small heaves of the porous casing wall are evened out by complete

revolutions of a metal rotor whose tip radius is 58 mm with a machining error of less

than 0.05mm. Figure 2 gives the front view of the tested fan and its close-up with key

annotations.

Table 2. Characteristics of two kinds of metal foam materials.

Material Thickness Porosity Standard Aperture Diameter

PC1 Nickel 3 mm 98% 100 PPI 0.2 mm

PC2 Copper 3 mm 95% 130 PPI 0.1 mm

Fig. 2. (a) The front view of the tested fan, and (b) its close-up with annotations of
radii for the blade hub and tip, the original casing and the casing with metal foam

layers (in red).

2.2 Measurement of aerodynamic and acoustic performance

To realize both functions of aerodynamic and acoustic performance measurement,

a sound-absorbing fan test rig has been built and it is located in a full anechoic

chamber. This test rig is designed by referring to the one in the previous study [31]

and they both are built in strict accordance to the ANSI/AMCA Standard 210 [32].

The ductwork for aerodynamic measurement is illustrated in Fig. 3, while the acoustic
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measurement is demonstrated in Fig. 4. As shown in Fig. 3, sound absorbing fibers

are filled in the large steel tube and the duct inner wall (diameter: 0.12 m) is lined

with perforated panels allowing the noise to penetrate into the fibers and get absorbed

while keeping the flow in the central passage. In the experiment, the test fan is located

at the inlet (left-hand-side) of the set-up. The turbulence in the blowing flow is

rectified by a flow straightener, which is located at the position of 0.54 m downstream

of the fan outlet. The flow straightener is composed of many small square cells of

0.075D in side length, 0.005D in thickness and 0.45D in axial depth. The Pitot tube

(being located at 1.605 m downstream of the fan outlet) measures the total pressure

and the flow speed, while a downstream valve adjusts the flow rate. The static

pressure rise across the test fan, ∆P, and the total volume flow rate, Q, are obtained

following the standard ANSI/AMCA procedures.

As shown in Fig. 4, the sound radiated by the fan outside the duct is measured by

three 1/4-inch microphones at three angular locations on the arc of 0.8 m radius from

the center of the rotor, while the sound radiated into the duct and the noise of the

valve is considered totally absorbed by the duct lining with no effect on the

measurement. The microphones are powered by a B&K Nexus conditioning amplifier

(type: 2960) and the output electrical signal are sampled by an A/D DAQ cards (NI

USB-6251) at 51.2 kHz and then processed in PC with MATLAB. A tachometer is

also used to monitor the fan rotational speed. Each acoustic measurement is taken for

20 seconds. The sound energies from the three angular positions (0°, 45°, 90°) are

averaged to obtain the sound pressure spectrum and level of any particular

aerodynamic operation point.
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Fig. 3.Sketch of the ductwork and details of flow straightener for the aerodynamic
measurement.

Fig. 4.Noise measurement set-up.

3. Main experimental results

The experimental results for both aerodynamic and acoustic performance of fan

are presented in this section. Preliminary analyses of the effect of the rough surface of

the foam casing and the direct sound absorption are also considered.

3.1 Comparisons of the P-Q curves and the radiated noise

Figure 5 compares both aerodynamic and acoustic performance between the fan

with original rigid casing (labelled as “Baseline”) and the ones with porous casings
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(labelled as “PC1” for Nickle foam casing and “PC2” for Copper foam casing). As

shown in Fig. 5(a), the baseline suffers from a stall in the volume flow rate (Q) range

of 60 to 100 CFM. During stall, severe boundary layer separation takes place.

Simultaneously, the pressure rise no longer increases with reducing Q and falls off

instead, followed by dramatic noise increase. On the P-Q curve, the stall region

features a significant dip in the static pressure. When porous casings are applied, the

aerodynamic performance is improved significantly with a recovery of 15-20 Pa static

pressure rise in the stall region. Stall inception is postponed, from Q ≈ 98 CFM to

Q ≈ 65 CFM for PC1 and Q ≈ 75 CFM for PC2. It is noted that the porous casing does

not introduce much effect in the flow regime outside stall.

Fig. 5. Comparisons of (a) the P-Q curves and its zoom-in of stall region and (b)
A-weighted SPL among fans with rigid casing (Baseline), Nickel foam casing (PC1)
and Copper foam casing (PC2), respectively, measured at the baseline rotational

speed of 3660 rpm and the same operating conditions at the adjusted speeds (denoted
by “AD” in legend).

Noise comparison is made in Fig. 5(b). The SPL-A (A-weighted Sound Pressure

Level) curves for both “PC1” and “PC2” are measured at the same design rotational

speed as baseline case. Two more curves are presented, and they are labelled “PC1

AD” and “PC2 AD”, respectively, where “AD” stands for adjusting the rotational

speed. Since casing treatment improves the aerodynamic performance near the stall



12

region, they are obtained when the fan rotational speed is reduced for the

casing-treated fans in order to deliver the identical flow rate and pressure rise as the

baseline. Significant noise reduction is obtained, for both the same and reduced fan

rotational speeds, in the range of volume flow rate Q > 60 CFM. It is noted that the

curve for PC2 shows more noise abatement when Q> 80 CFM, while PC1 performs

better when Q is in the range of 60 to 80 CFM. When compared at the same

aerodynamic working conditions by adjusting the rotational speed (“PC1 AD” and

“PC2 AD”), more noise reduction is logically achieved. The maximum noise

reduction is about 10 dBA at Q ≈ 70 CFM , where the P-Q curve of the baseline

reaches its valley in stall.

Figure 6 compares the spectra and the accumulative sound energy spectra when

the volume flow rate of the baseline is QBaseline=120 CFM (Fig.6(a) and (c), before

stall inception) and QBaseline=76 CFM (Fig.6(b) and (d), when stall takes place for

baseline)， respectively. In each figure, “PC2” refers to the fan with Copper foam

casing sharing the identical rotational speed with the baseline, and “PC2 AD” means

the casing treated fan operating at the same operation condition of the baseline at

adjusted speed. In terms of the accumulative sound energy spectrum, it is defined as

� fi = 0
fi p2 ( f ) d f� (1)

where p2 ( f ) is the power spectral density of received acoustic pressure. The

spectrum for E is normally smooth and its slope dE / df helps to identify the major

energy contributions in a way better than the standard logarithmic spectrum without

the energy integral treatment. The tonal noise is identified by the narrow frequency

bands around BPF (blade passing frequency) and its harmonics. A-weighting is

applied before the sound energy integration. From Fig.6(a) and (c), the noise

reduction is mild before stall inception. There is no clear discrepancy between the

baseline and PC2 in their broadband spectra (Fig. 6(a)), while the tonal noise

(especially around BPF=427 Hz as well as 5×BPF=2135 Hz ) decreases with the

treated casing. Since porous casing does not improve the aerodynamic performance of
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the fan significantly before stall, the variation of the rotational speed is slight which

causes little noise reduction of PC2 AD. When stall takes place, with the identical

speed, the suppression of the total noise is very impressive mainly because the

broadband of PC2 decreases significantly before 4000Hz (Fig. 6(b)), instead of the

suppression of the tonal noise (Fig. 6(d)). PC2 AD radiates even lower noise due to

the significant reduced rotational speed because of the delay of the onset of stall.

Fig.6. Comparisons of (a, b) the spectra and (c, d) the accumulative sound energy
spectra among the fan with rigid casing (Baseline), the fan with Copper foam casing
working at the identical rotational speed of the baseline (PC2), and the casing treated
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fan sharing the same operating condition with the baseline at the adjusted speed
(PC2-AD). (a) and (c) are measured at QBaseline=120 CFM (before stall inception). (b)
and (d) are measured at QBaseline=76 CFM (in stall).

3.2 Sound absorbing directly by attached porous material

One of the possible mechanisms for the reduction of fan noise radiation is the

direct sound absorption by the open-cell metal foam. To roughly estimate this

absorptive effect, acoustic simulation is conducted with commercial finite element

software COMSOL Multiphysics. A simplified model including a rotor with an axial

dipole noise source attached on each blade is proposed.

The acoustic properties of the metal foam layer (Copper foam in this case) are

measured in an impedance tube, using the two-cavity method proposed by Utsuno et

al. [33]. With this method, the equivalent wavenumber and characteristic impedance

of the metal foam are obtained. After curving fitting with Delany and Bezely’s

empirical formula [34], the flow resistivity of the experimented metal foam is

estimated as 18000 Pa ∙ s/�2 , which is further imported into COMSOL for

simulation.

The entire simulation domain is shown in Fig. 7(a). The fan is installed at the

inlet of a straight flow tube. All the boundaries of the fan are set as rigid walls and an

axial dipole noise source is set on each blade of the fan. The exit of the flow tube is

set as non-reflection boundary. In order to investigate the inlet noise radiation

property, a semi-spherical radiation domain with a so-called Perfect Match Layer

(PML) is used [35]. The base of the semi-spherical domain is set as rigid wall to

simulate the condition of a flange for ease of computation and it is not expected to

make any significant changes to the absorption capability of the casing layer.

In this case, the metal foam is set as a rigid frame porous material, without

considering the vibration effect of the skeleton. When the skeleton vibration cannot be

neglected, the Biot’s model needs to be applied [36-37]. The total radiated acoustic

energy from the inlet is integrated on the surface of the semi-spherical domain. The
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total radiated noise from the fan with and without porous casing are compared in Fig.

7(b). The noise absorption effect is negligible in the low frequency region under 2.5

kHz (less than 1 dB).

Fig 7. Schematic of (a) full simulation domain in COMSOL for the sound absorption

by the porous casing (red: acoustic rigid surface) and (b) the comparison of total

radiated noise with/without casing treatment.

Note that the present conclusion seems to be much different from that of Sutliff

et al. [16,17] which said that the acoustic attenuation effect of the metal foam liner

plays the most important role in the fan total noise reduction. Actually, in Sutliff et al.

(a)
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[16,17], the fan rotated with low aerodynamic loading but there is no information

about the effect of metal foam liner when the fan works near stall. Although the

present investigation focuses on ruling out the possibility that direct sound absorption

dominates for the noise abatement when the fan works near stall, it also finds noise

reduction (around 1 dBA) when the aerodynamic loading is low (the value of Q is

high), as shown in Fig. 5(b). However, this noise reduction cannot compare with that

in Sutliff et al. [16,17]. The main reason is supposed to be that, the volume of the

metal foam liner (3 mm in thickness and 31 mm in axial length) in the present work is

limited compared with that in Sutliff et al. [16,17] (2 inch in thickness and 9 inch in

axial length).

3.3 Effect of the casing surface roughness

One hypothetical reason for the delay of stall inception is the interaction between

the rough surface of casing and fan tip flow. Rao et al. [38] experimentally compared

the performance of a turbine rotor working with smooth surface casing and rough

surface casing (by attaching sandpaper), respectively. Using rough-surface casing, the

weakened tip vortex system was clearly observed: the tip leakage vortices were

reduced in size and there was less pressure loss detected within the vortices. It is

argued that these changes are beneficial to postpone stall inception. However, there

was no noise comparison in this work.

The possibility that the rough surface of metal foam is responsible for the

aerodynamic gain is put to test by using an air-tight abrasive paper on the inner wall

of the casing in the present work. This configuration is illustrated in Fig. 8 (a) and a

photo of the paper in test is shown in Fig. 8(b). The maximum thickness of the

abrasive paper is 0.6 mm and the minimum tip clearance size is kept at 1.2 mm.
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Fig. 8. (a) Sketch of casing attached by abrasive paper and (b) a photo of the abrasive
paper in test.

Aerodynamic characteristics of the fans with smooth casing (labelled as

‘Baseline’), porous casing (labelled as “PC1”) and rough-surface casing attached by

abrasive paper are compared in Fig. 9. There is tiny difference among the three P-Q

curves when Q>100 CFM (before stall inception of baseline) and Q<50 CFM (after

stall). However, when the original casing is replaced with the rough one, the onset of

stall is postponed from about Q ≈ 98 CFM to Q ≈ 85 CFM. In addition, ∆� gains a

little when Q is in the range of 60 to 100 CFM with the maximum enhancement

approximately being 8 Pa. Nevertheless, the aerodynamic improvement brought by

rough surface cannot compare with that of porous casing (PC1 for instance) which

contributes to up to 20 Pa static pressure increase.
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Fig. 9. Comparison of the P-Q curves for the fans with smooth casing (the baseline),
Nickel foam porous casing (PC1) and the rough surface casing with the abrasive

paper.

Figure 10 compares the total noise and the broadband component of the above

three fans with identical rotational speed 3660 rpm. From Fig. 10(a), unlike PC1, the

total noise radiated from rough surface casing increases when compared with the

baseline. Figure 10(b) shows that the broadband noise of rough surface casing is

almost the same as that of the baseline and it even decreases a little (less than 1 dBA)

when Q is in the range of 60 to 90 CFM. However, this reduction of the broadband

noise for the rough surface casing is insignificant when compared with that of PC1.

Therefore, it can be deduced that tonal noise is increased with the rough casing

surface. During the experiment, the abrasive paper band is attached closely on the

circular inner wall of casing, and there leaves an axial fissure at the joint of two ends

of the paper band. The interaction between the rotating blades and the fissure is

supposed to be the main source of the extra tonal noise. Moreover, blockage by the

arbitrary distributed sand particles on the abrasive paper is also supposed to be a

potential reason.
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Fig. 10. Comparisons of (a) the total noise and (b) the broadband noise for the fans
with smooth rigid casing (baseline), Nickel foam casing (PC1) and the rough casing

with abrasive paper, all at the rotational speed of 3660 rpm.

To conclude, although rough casing surface benefits the fan aerodynamic

performance a little, the total noise increases. Consequently, the impressive noise

reduction achieved by PC1 and PC2 is not mainly due to the rough surface

characteristic of the attached porous material, but the porous zone behind the coarse

boundary.

4. Aerodynamic analysis by numerical simulation

To understand the aerodynamic effect of the porous zone behind the casing

surface on the tip flow, a three-dimensional, transient-flow numerical simulation is

carried out by the commercial computational fluid dynamic software ANSYS CFX. In

CFX, Navier-Stokes equation is solved by finite volume method [39]. The flow fields

of the baseline and the fan with porous casing are compared.

Note that the qualitative explanation of the effect of the porous casing on delay of

stall inception and the resulting noise reduction is the top priority in this work, instead

of accurate prediction of the fan performance. In view of this, some simplifications

and approximations are conducted for the convenience of grid generation and saving

time, which include
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(1) There is only one single blade channel in the numerical simulation and periodic

boundary conditions are imposed along the boundaries in the pitch-wise direction

(highlighted by lines ‘1’ and ‘2’ in Fig. 11(a)).

(2) Downstream thin supporting struts are not considered as their influence on the

tip-leakage flow near the blades is unlikely to be significant.

(3) The bellmouth is removed while the inlet channel is extended. Moreover, the hub

is extended at its both ends, to the boundaries of the whole computational domain,

as shown in Fig. 11(b).

(4) Flow in the porous zone is calculated through solving Navier-Stokes equation

combining with the volume-averaged model. The volume-averaged model

generates two additional terms, namely Darcy term and Forchheimer term, which

are added to the original momentum equation for describing the momentum loss

due to the porous material [40]. For homogenous porous material (no gradient

model term), the porous momentum loss model can be formulated as follows:

− ��
��

= �
��

� + ��
�
2

�2 = ��1� + ��2�2 (2)

where �� denotes the static pressure drop across the porous zone, x represents the

flow direction, � is the dynamic viscosity coefficient, � is the density of fluid,

U is the flow velocity, �� is permeability and �� is loss coefficient. In Eq.(2),
�

��
� and ��

�
2

�2 are known as Darcy and Forchheimer term, which account for

the viscous and inertial effect of the porous material, respectively. ��1 and ��2

are linear and quadratic resistance coefficients respectively, which are normally

achieved experimentally through measuring the pressure drop caused by the metal

foam sample in test with different air flow rate [41,42]. In the present study, fan

performance test bench is implemented to achieve the flow resistance of the tested

metal foam copper. As shown in Fig. 12 (a), a piece of air-tight panel, which has a

rectangular through hole (Size: 300 × 120 mm ), is fixed at the inlet of the fan
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performance test bench. The metal foam copper (1.5 mm in thickness) is attached

tightly to the sides of the hole. There is an inlet tube (Section size: 300 × 120 mm)

made by air-tight panels is located at the upstream side of the sample and a Pitot

tube is applied for collecting the static pressure. The velocity of flow through the

sample would be measured when a negative static pressure is assigned. The

relationship between the pressure drop (Static pressure drop = �in − �out , �in :

static pressure detected by the pitot tube at upstream of the sample, �out : static

pressure assigned by the fan performance test bench) and averaged flow velocity

across the sample is demonstrated in Fig. 12 (b). ��� and ��� are achieved by

the curve fitting for the curve in Fig. 12 (b). Details are listed in Table 3. In

addition, the effect of surface roughness is not taken into consideration in

numerical simulation.

Fig. 11. Schematic of (a) full computational domain with key boundary conditions
and annotations and (b) the highlighted porous zone (yellow) of casing treatment.
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Fig. 12. (a) Schematic of the setup for the measurement of pressure drop of the metal

foam and (b) the relationship between the pressure drop and the averaged flow

velocity through the tested metal foam copper (1.5mm in thickness).

Table 3.Physical properties of the materials for the porous zone in the numerical
simulation.

Porosity ��� ��� Feature
95% 8873 4280 Isotropic

As shown in Fig. 11(a) in the side-view, the computational domain for the

baseline is divided into three regions: inlet (I), rotor (II) and outlet (III). The ambient

total pressure is specified at the inlet boundary while the mass flow rate is specified at

the exit. The inlet boundary is at a distance of 1.5Ca before the leading edge (LE) of

blade, while the outlet boundary is set at 5Ca from the trailing edge (TE). Since the
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Mach number of the blade tip is only around 0.068, the change of flow density is

negligible and the fluid is set to be incompressible air at 25℃. Multi-Reference Frame

(MRF) is applied to simulate the rotation of blade: the fluid region of II is set in the

rotating reference frame with a speed of 3660 rpm, while domains I and III are set to

be stationary. For transient flow simulation, the interfaces between I and II (marked as

line ‘3’ in Fig. 11(a)), and between II and III (line ‘4’) are set as transient sliding

interfaces, which simulate the transient relative motion between two adjacent regions

on each side of the interfaces and updates the interface position each time step.

Surfaces of both the hub and the blades are no-slip stationary walls relative to their

respective reference frames, while the shroud surface is stationary in the absolute

frame. The porous zone, which is 3 mm in thickness and covers the whole shroud

surface right above the blade, is highlighted as the yellow bulk in Fig. 11(b).

The structured grid is applied and the grid independence test is carried out with

five mesh settings conducting 8-24 layers of mesh at an interval of 4 layers in the tip

clearance zone. One example of the grid in the tip clearance region is shown in Fig.

13. The size of grid in the other computational zones is then adjusted to ensure the

consistency of mesh. The number of mesh layers and the total number of grid cells are

listed in Table 4. y+ is approximately 1 for the mesh of boundary layer close to the

blade. P-Q curves of the baseline fan by the five mesh settings are demonstrated in

Fig. 14. There is no obvious variation on fan aerodynamic performance with more

grids than Layer 16 which is thus applied in the following computation for saving

computing time. For the porous casing fan, the grid dimension in the porous zone is

assigned to be consistent with the grid in tip. The grid is clustered near the leading

edge, trailing edge and top surface of the rotor blade.

Table 4. Mesh details of five mesh settings.
Number of layers in the tip region 8 12 16 20 24

Total number of cells ×106 1.37 1.53 1.69 2.37 2.94
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Fig. 13. Schematic of mesh details in the tip clearance region.

Fig. 14. Characteristic curves achieved by five mesh settings in steady simulation.

Note that the aforementioned simplifications and approximations would

definitely cause discrepancy on the P-Q curves from experiments and CFD [43].

Especially, there is a significant pressure difference detected experimentally (roughly

20 Pascal) when fan operates near stall inception. Since the main purpose of the

present study is observing the change of fan tip leakage vortex when porous casing is

applied, such simplifications do not affect the conclusions in interest. The result is not

convergent when stall takes place. Therefore, in the present study, the simulation is

conducted at near-stall condition (Q = 105 CFM) to investigate the effect of porous

casing on the delay of stall inception. The convergence criterion is below 10-5 in the
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transient flow simulation. The time step for the transient flow simulation is set to be

4.55×10-6 sec, during which a fan blade rotates 0.1°.

Before revealing how stall inception is postponed, it is necessary to make clear

the mechanism of stall for axial-flow fans. It is generally believed that when fan

works close to its stall condition, the blade passage is blocked by a stagnation zone

(also known as “low velocity/energy zone”) without any flow passing through [44].

This stagnation zone is generated by the accumulation of continuous upstream tip

leakage flow or the breakdown of the tip leakage vortex (‘TLV’ for short) [45].

Blockage due to the stagnation zone would trigger the onset of fan rotationary stall,

leading to deterioration of fan aerodynamic performance and loud noise.

Figure 15 demonstrates the streamline of tip leakage flow of the baseline and the

fan with casing treatment. The streamline in Fig. 15 is colored by the value of

absolute velocity of flow. Driven by the static pressure difference between the

pressure side and the suction side of blade, the tip leakage flow injects upstream

across the fan tip. Then, it impinges on the main flow and rolls into the tip vortex. The

tip vortex moves with the main flow and interacts with the following adjacent blade at

its rear part. According to Fig.15, there is no obvious difference on the appearance

and trajectory of the streamline of two cases. However, the porous casing suppresses

the absolute velocity of tip leakage flow (the color of the streamline turns from pale

blue to dark blue). Table 5 lists the mass flow rate of the flow going through a plane

(namely the ‘Plane T’) which is nearly parallel to the blade tip chord and covers the

whole gap over the blade tip, as shown in Fig. 16. In addition, both mean axial

velocity and mean circumferential velocity of the flow going through the Plane T are

given. As shown in Table 5, both mass flow rate and the magnitude of the mean axial

flow velocity decrease with porous casing. The tip leakage flow owns less momentum

as it impinges on the main flow, leading to a tip vortex with lower strength [46].
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Fig. 15. Tip leakage flow of (a) the baseline and (b) the fan with porous casing. The
streamline is colored by absolute velocity (Unit: m/s).

Table 5.Fluid flow through the tip gap.
Mass Flow Rate

(�� ∙/�)
Mean Axial Velocity

(�/�)
Mean Circumferential
Velocity (�/�)

Baseline 9.86×10-4 -4.96 2.37

Porous Casing 8.26×10-4 -2.10 0.72

Fig. 16.Schematic of the plane (the ‘Plane T’) covering the whole gap over the blade
tip (highlighted by red color).

In order to compare the evolution of TLV, the contours of vorticity on five

selected planes (Plane 1 to Plane 5) are demonstrated in Fig. 17. These five planes are

all produced nearly normal to the rotor tip chord direction. Moreover, the vorticity is

the component being parallel to the tip chord direction. In Fig.17, TLV is detected as

the region with extremely large absolute value of vorticity. When porous casing is

employed, there is no obvious difference on the trajectory of the core of TLV.
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However, the absolute strength of TLV decreases more significantly, as highlighted

by red circles in Fig. 17 as an example. Moreover, both size and strength of the TLV

released from the former adjacent blade (highlighted by black circles in Fig. 17)

decreases when porous casing is applied. Detailed comparison of TLV on Plane 3 is

given in Fig.18. Like Hah [46], TLV in the present study is found to be composed by

the tip vortex (‘TV’ for short, with positive vorticity at the suction side) and the

casing-boundary-layer-separation vortex (‘CBSV’ for short, with negative vorticity

near the casing surface). CBSV is produced by the collision of two casing boundary

layers: one forms with incoming main flow and the other is due to the reversed tip

leakage flow. Then, CBSV moves away from casing surface and twines around the

TV soon and the blockage effect of TLV is determined by both CBSV and TV.

According to Fig. 18, porous casing obviously suppresses the strength of both CBSV

and TV simultaneously, which is attributed to the reduced momentum of the flow in

the casing boundary layer and the main flow in the fan tip gap.

Fig. 17.Distribution of vorticity on selected planes (Plane 1 to Plane 5) normal to the
rotor tip chord direction through the blade passage of (a) the baseline and (b) the fan

with porous casing.
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Fig. 18.Distribution of vorticity in the mid chord (Plane 3) for (a) the baseline and (b)
the fan with porous casing. In the porous zone, the vectors of flow are produced
according to the velocity in the stationary frame and their lengths are magnified.

Probable reasons for the decrease of tip flow momentum with open-cell porous

casing include: (1) the reduction of pressure difference across the tip gap and (2) the

momentum transport at fluid-porous interface. The former reason is supported by Fig.

19 which depicts the distribution of static pressure in the tip gap in both cases. The

value of static pressure is captured on the intersection lines of the cylindrical surface

(r=57.4mm) and the extension of pressure and suction surfaces of the fan blade (‘PS’

and ‘SS’, respectively in Fig. 19). It means that the driven forces (the static pressure

difference) of the tip leakage flow for two cases are almost the same near the leading

edge of the blade, while it is suppressed by the porous casing when the normalized

chord length is in the range of 0.3 to 0.7. The momentum transport at fluid-porous

interface is also very important. Actually, there are many academic works focusing on

the flow near the fluid-porous interface [47-49]. Fig. 19 (b) gives the distribution of

the axial velocity on the ‘Line t’ (shown in Fig. 18 (a)) for both fans. Compared with

the baseline, with the porous casing, the magnitude of the axial flow velocity
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decreases significantly out of the boundary layer on both the blade tip and the casing

surface, leading to a reduced axial momentum of tip leakage flow. The velocity of

flow at the rigid casing wall is zero due to no-slip boundary condition on casing.

However, the velocity does not become zero at fluid-porous boundary (Radius=0.058

m) for the porous casing and it continues to decrease in the porous zone until reaching

a small constant speed value. The observed effect of the metal foam on the

distribution of axial flow velocity is consistent with the conclusion of the previous

research [48].

Fig. 19.Distribution of (a) the static pressure in the tip gap and (b) axial velocity on
the Line t of two cases.

Being different from the present work, the most common explanation attributes

the extending of fan stall margin to the flow “self-recirculation” in the extra channels

because of casing treatment. It said that, driven by the pressure difference near the

casing wall, fluid with high blockage and high pressure would be bled into the casing

channels. Then, it re-injects at the casing to re-energize the low momentum fluid

caused by TLV, leading to weaker blockage in the blade channel. Such explanation is

presented by relevant studies focusing on the effect of traditional casing treatment

method (using grooves or slots) [50-52]. Note that, although the above explanation is

somehow reasonable, there is little detailed description for exact interaction between

the ‘re-injected flow’ and the flow of TLV. Especially, to the best of authors’

knowledge, there is no rigorous quantitative analysis for the process of ‘re-energizing’
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in the relevant studies. Therefore, there are also some works making their efforts to

illustrate the effect of casing treatment in other ways [46,53]. It is really worth

evaluating the effect of the ‘re-injected flow’ on the change of original TLV, though it

has not been completed in the present work.

5. Conclusions

The advantages of the open-cell porous casing on fan performance are firstly

investigated experimentally. Then, the mechanism of porous casing is investigated

through both experiments and numerical simulation. The results are summarized as

follows:

(1) With constant tip clearance, the porous casing is experimentally proved to enhance

the aerodynamic performance of the fan. It postpones stall inception to a lower flow

rate and reduces the pressure loss during stall. Noise abatement is achieved at working

conditions both before stall and during stall, especially during stall. The maximum

noise reduction is greater than 10 dBA with fan speed adjustment.

(2) The effect of rough casing surface is tested by attaching abrasive paper on the

casing inner wall. It reveals that the rough casing surface makes slight improvement

on fan aerodynamic performance. However, it cannot help to decrease the total noise

as porous casings do. Porous material attached is supposed to absorb the radiated

noise directly, but this effect is negligible due to its limited volume.

(3) Taking advantage of the original pressure difference in rotor blade row, porous

casing reduces the high momentum of tip leakage flow and the present study

attributes it to the release of the high pressure difference between the pressure side

and suction side of the blade and the momentum transport at fluid-porous interface.

The strength of the tip leakage vortex decreases, which is beneficial to the delay of

stall inception and noise suppression.
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